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ELASTIC SUSPENSIONS OF
VIBRATING MACHINES WITH
ADJUSTABLE
ELECTROMECHANICAL DRIVE

High requirements for reliability, durability, power and
productivity of vibrating machines are directly determined by the
quality of their elastic elements, in particular their endurance and
resistance to the action of intense cyclic loads. For effective vibration
isolation of the working body of a resonant vibrating machine from the
frame, the suspensions must have sufficient softness, while
increasing productivity requires the maximum possible rigidity of these
elements.

The paper provides recommendations for the calculation and
design of elastic suspensions of vibrating technological machines
operating in both sub-resonant and resonant modes, as well as elastic
elements with adjustable stiffness for machines with an adjustable
electromechanical drive. Cylindrical helical compression springs are
advisable to use in relatively small vibration installations with a
container volume of up to 100 dm?, installing them without tilting. For
more powerful machines, it is recommended to use combined
suspensions or rubber-cord pneumatic cylinders placed at an angle to
the longitudinal and transverse planes.

Of particular importance are resonant-type vibrating
machines, which are distinguished by a number of technological,
energy and operational advantages, but at the same time are
characterized by the dependence of dynamic parameters on the
degree of loading.

In view of this, a promising direction is the use of suspensions
with adjustable stiffness, which ensure the stability of the dynamic
mode of operation of the vibrating machine and allow it to be changed
in accordance with a given algorithm. An effective solution is also
combined elastic suspensions, which combine a diaphragm
pneumatic drive with a rubber-metal block hinge. The torsional
stiffness of such systems can be changed by adjusting the number of
block hinges, and the stiffness of the diaphragm by changing the gas
pressure in the suspension cavity.

Keywords: elastic suspensions, vibration machine,
adjustable electromechanical drive, stiffness, natural frequency of
oscillations, resonant mode, pneumatic cylinder.

Problem statement. High requirements for
reliability, durability, power and productivity of
vibrating machines directly depend on the quality of
their elastic elements, in particular on their
endurance and reliability under the influence of
intense cyclic loads.

Elastic suspensions of such machines
simultaneously perform two main functions - they
perceive the mass of vibrating parts and provide
vibration isolation of the frame, therefore they must
combine elasticity and sufficient stability, because
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they are often the only connecting element between
the working units and the base.

Given the technological features, most
vibrating machines operate in a non-resonant mode,
so the overall stiffness of the suspension must ensure
that the natural frequency of oscillations of the working
bodies is 3—4 times lower than the frequency of the
disturbing force or the cyclic frequency of rotation of
the unbalanced shaft of the vibration drive [1-4].

However, more economical is the resonant
mode of operation, when the frequency of natural
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(free) oscillations of the working bodies is equal to the
cyclic frequency of oscillations of the disturbing force.
During resonance, there is an effective accumulation
of energy in the system, since the external force at
each moment acts in time with the oscillation of the
body.

Even a small periodic action (disturbing force)
can cause large amplitudes of motion if the damping
(energy losses) is insignificant.

The frequency of natural (free) oscillations of
the system, consisting of a working body of a vibrating
machine with a mass m, which is installed on an
elastic suspension with stiffness ¢, can be determined
from the dependence:

oy =,[—.
m (1)

At the same time, the productivity of vibrating
machines increases with the increase in the frequency
of oscillations of their working bodies [1, 4]. Therefore,
for resonant vibrating machines, it is necessary to
increase the frequency of natural (free) oscillations wo.
According to (1), with a constant mass of the working
body of the vibrating machine m, this can be done by
increasing the stiffness of its elastic suspension c.

Therefore, for reliable vibration isolation of the
working body of the resonant vibrating machine from
its frames, the elastic suspensions of vibrating
machines must be soft enough, and to increase their
productivity, their stiffness must be as high as
possible.

Therefore, when choosing the stiffness of the
elastic suspension of vibrating machines, it is
necessary to take into account the design features of
these machines and the features of the technological
process that they implement in each specific case,
guided by the above considerations.

Analysis of recent research and
publications. The work [5] is devoted to the study of
the influence of elastic-damping properties of rubber-
metal elements on the dynamic behavior of vibrating
machines. It is shown that the use of rubber-metal
links significantly changes the resonant properties of
the system, reducing dynamic loads and improving
vibration isolation; the optimal stiffness and damping
parameters are determined to ensure stable operation
of the machine.

In [6] it is proven that one of the ways to
vibration isolate such systems from the environment
is to use dynamic methods to eliminate vibrations. The
work analyzes the influence of different types of
suspension and the ratio of body mass to the mass of
the conveyor chute on the forces transmitted to the
soil.

The work [7] concerns the analysis of
vibrations in vibrating machines, taking into account
flexible (elastic) drive elements. The research focuses
on how the elasticity of these elements affects the
dynamics of the system, as well as on the
development of methods for modeling and controlling
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vibration processes to improve their efficiency and
reliability.

In [8], a comprehensive assessment of the
latest developments in nonlinear isolators in the
absence of active control is presented. Various
methods for reducing the resonant frequency of the
isolator are described. The base isolation uses friction
elements, laminated rubber bearings, and a friction
pendulum. In [9], new experimental and numerical
data on the dynamic stiffness of rubber isolators are
presented, which is essential for the selection of
rubber elastic elements in suspensions.

In [10], the design and modeling of metal-
rubber isolators as a modern alternative to elastomers
for heavy vibration mounts. [11] presents
experimental data on how changing the dynamic
stiffness of a rubber insulator changes the natural
frequency of the structure, which directly affects the
design of elastic suspensions.

The purpose of the research is to develop
recommendations for the calculation and design of
elastic suspensions for vibrating technological
machines operating in both far-resonant and resonant
modes, as well as elastic elements with adjustable
stiffness for vibrating machines with an adjustable
electromechanical wire.

Presentation of the main material.
Currently, the most common type of elastic
suspensions in vibration machines are helical
cylindrical compression springs. They perceive not
only longitudinal-axial compressive forces, but also
transverse bending loads that arise during circular or
elliptical trajectories of movement of working bodies.
Such springs operate in the mode of multiple cyclic
and shock dynamic loads, which cause inertial
oscillations and possible co-impacts of turns.

For reasons of reliability and durability,
suspensions based on helical cylindrical springs must
satisfy a certain strength condition [1, 4]:

f.IA>5,

)
where fs; — spring deformation in a static state;

A —amplitude of oscillations of the upper end
of the spring.

Condition (2) must also be met when
choosing the design scheme and stiffness of the
elastic suspension. Since the determination of the
stiffness of the suspensions of U-shaped vibrating
machines, consisting of two rows of springs located
on both sides of the working bodies-containers, is
quite simple and described in detail in special
technical literature, it is advisable to focus further
attention on the elastic suspension of toroidal vibrating
machines.

In such machines, the working body - a
toroidal container (see Fig. 1) - is fixed on the frame
using elastic elements evenly spaced around the
circumference with a radius Ro. Such a suspension
scheme provides the possibility of arbitrary spatial
oscillations of the container with a limited amplitude,
while it has six degrees of freedom.
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The coefficients of the total stiffness of the
suspension of a toroidal container in the directions of
the main axes and the corresponding displacements
are determined by the following relations [1, 2, 4]:
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Fig. 1. Structural dlagram of a vibrating
machine with a toroidal container

where E, G, o - modulus of elasticity of the first and
second kind and the coefficient of transverse
deformation of the spring material,

dn, s, Jr - diameters of the wire and spring coil
and axial moment of the wire cross-section;

Q - weight of the vibrating parts of the vibration
machine;

Ng - number of spring coils;

to - spring pitch in the free state;

T - angle of elevation of the spring coil;

N, - number of springs;

Ro - radius of the circle on which the springs
are evenly placed.

Springs used in elastic suspensions of
vibrating machines are made of steel spring wire or
high-quality spring steel with a round, rectangular or
trapezoidal profile [12]. When choosing a steel grade, it
is necessary to take into account its hardenability,
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suitability for surface hardening, availability of alloying
elements and cost-effectiveness of production.

According to research results [12], the best
performance characteristics for springs operating at
temperatures up to 200 °C are provided by complex
alloying of steels. A comparative analysis of strength
and technological properties showed that 55KhGSF
steel is optimal for suspensions of vibrating machines.

The durability and strength of springs are
significantly affected by the quality of the surface. Any
defects, scratches, dents, rust or decarburized layer -
sharply reduce endurance, especially under cyclic
dynamic loads and coil impacts characteristic of the
operation of vibrating machines.

Helix cylindrical springs are manufactured by
cold or hot winding. Before the winding process, the
wire is straightened, if necessary, on straightening and
cutting equipment. After winding, the springs are
subjected to mechanical processing of the ends, which
must be perpendicular to the spring axis. To do this, in
compression springs, the extreme turns are pressed
and ground on surface grinding machines.

Springs made of carbon or alloy steels
undergo heat treatment, which includes hardening and
tempering. During hardening, intensive cooling is used
in the temperature range of 650-400 °C, while the
process can be slowed down later, especially in the
range of 200-300 °C, where a martensitic structure is
formed.

Tempering is used to reduce internal stresses
that arise after quenching due to the heterogeneity of
structural transformations in different zones of the
material. High quality of heat treatment is ensured by
uniform heating and cooling. For this purpose,
chamber, muffle, gas or electric furnaces are used.
Optimal steel characteristics are achieved only if the
interaction of the metal surface with the environment
during heating is minimized.

In the case of using 55KhGSF steel, during
cold winding, the springs are subjected to only low
tempering at a temperature of 200-300 °C. Such
treatment contributes to the removal of residual
stresses, deformation aging and redistribution of
dislocations by the type of polygonization. As a result,
the steel acquires increased elastic properties and a
lower tendency to creep, although the brittleness
increases somewhat. The optimal tempering
temperature is determined by the purpose of the spring
and the conditions of its operational load.

The optimal tempering temperature depends
on the operating conditions of the springs: at small
deformation amplitudes, it is advisable to use a lower
temperature, since the requirements for plasticity in this
case are less critical. On the other hand, at significant
oscillation amplitudes, a higher tempering temperature
should be used, which provides increased plasticity of
the material.

To achieve a high elastic limit and resistance
to small plastic deformations, isothermal quenching is
used. Springs, preheated to the austenitic state, are
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immersed in a medium (oil or heated salt) with a
temperature slightly higher than the temperature of the
onset of martensitic transformation. The holding
continues until the austenite is completely transformed
into acicular trostite, after which the products are cooled
in air or in oil. As a result of such heat treatment, the
material acquires increased viscosity, plasticity and
reduced residual stresses, which is especially
important for springs of suspensions of working bodies
of vibrating machines operating under dynamic loads.

For steel grade 55KhGSFA, the following heat
treatment regime is recommended [12]:

- isothermal quenching at a temperature of 870
OC,

- holding in a salt bath at 325-335 °C;

- tempering at 250 °C.

The holding time during isothermal quenching
should be 20-30 min.

After heat treatment and mechanical grinding
of the bearing surfaces, cylindrical helical springs are
cleaned using hydrosandblasting equipment. After that,
they are washed, passivated and dried. In order to
increase corrosion resistance and extend the service
life, the springs are covered with protective layers -
metallic (tin plating, galvanizing), non-metallic
(varnishes, paints, resins, lubricants) or chemical
(phosphating, oxidation).

Practical experience shows that even springs
made using the correct technology from high-quality
wire can prematurely lose their elastic properties or
break during operation - especially under dynamic
loads typical of vibrating machines.

Studies [12] have shown that the decisive
factor in endurance is the state of the surface layer,
where maximum torsional and bending stresses occur
during spring operation. This layer is significantly
affected by external factors and the quality of surface
treatment, which leads to the formation of micro-
damages and irregulariies that act as stress
concentrators. Therefore, the use of surface hardening
technologies is of key importance for increasing the
endurance limit and increasing the service life of
springs.

Hardening can be performed by mechanical,
thermal or chemical-thermal action on the surface
layer. High results are provided by mechanical
hardening (surface slander), which is carried out using
shot-blasting, hydro-abrasive or vibration-hardening
installations. The effect of such treatment is to improve
the structure of the surface layer and the formation of
residual compressive stresses, due to which the elastic
limit, temporary resistance, hardness of the material
increase and the tendency to stress relaxation
decreases.

The main directions of further increasing the
static and cyclic strength of springs include:

- creation of new grades of spring steels with
improved physical and mechanical characteristics;
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- development and implementation of modern
technological methods of strengthening aimed at
increasing the bearing capacity of springs;

- improvement of methods of design and
calculation of spring endurance taking into account the
real conditions of their operation.

To calculate the endurance of springs with an
unlimited number of cycles, the following dependence
has been proposed [12]:

v + mo_
T, Tz A, @
where n; - is the safety margin;
,CU — Tmax _Tmin
2 - amplitude of alternating
voltage;

11 — endurance limit at a symmetrical load cycle;
Ts — temporary resistance;

T = Tmax +Tmin

2 - average voltage per cycle;
Tmax, Tmin — repeatedly repeated maximum and
minimum voltages at the cross-sections of the spring
turns.

However, the dependence (13) does not take
into account the influence of inertial impacts between
the turns of the spring, contact stresses, as well as
bending stresses arising from the finite velocity of
propagation of the deformation wave. For an accurate
calculation of the durability of springs, it is necessary to
use endurance curves constructed for a specific
material taking into account the corresponding
coefficient of asymmetry of the loading cycle.

In work [12], the dependence between the
maximum stresses Tmax1 and Tmax2 in the loading
cycles and the coefficients of asymmetry rl1 and r2 for
the same durability of the springs was established:

\/(l—n)zm(l—nz)
TNA-n) =g g

where Tmaxt | Tmaxz - are the maximum stresses at which
the springs failed after N loading cycles at asymmetry
coefficients rl and r2, respectively;

n is the material sensitivity coefficient to
asymmetry, which reflects the influence of the average
stress level on durability.

The material sensitivity coefficient to
asymmetry is not a constant value for a particular
material, does not depend on the design parameters of
the spring and is determined experimentally:

&1 -1,) —(1-1)
C(1-r)—d*(1-1)

a= TmaxZ /Tmaxl

T =T

max1 —

9)

where .
The service life of such springs A can be
calculated using the following relationship:
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A=1._ -aN"
where @ =[1=r)? +n(1-r*))/4.

Tmax — Maximum stress value in the cycle;

N — number of cycles to failure;

m — empirical exponent;

r — cycle asymmetry coefficient.

When designing large-sized vibration
machines with working containers with a volume of
more than 150 dm? in elastic suspension systems,
rubber-cord pneumatic cylinders (pneumatic springs)
are widely used. They have a number of significant
advantages:

- the ability to adjust the load-bearing capacity
and stiffness in a wide range, which allows you to
combine low stiffness with high bearing capacity and
change the natural frequency of oscillations of the
working containers of vibration machines;

- convenient adjustment of the suspension
height by changing the pressure;

- practically silent operation;

- high durability and ease of maintenance and
replacement.

At the same time, air springs have a
significant drawback - low transverse rigidity
compared to longitudinal, which requires the use of
additional elements to ensure the stability of the
structure in the horizontal plane.

In the vibrating machine [13], air springs are
installed symmetrically relative to the central vertical
plane of the container at a certain angle to the vertical
axis and to this plane (see Fig. 2, 3). It is worth noting
that the location of the suspension elements at an
angle to the transverse and longitudinal planes
passing through the center of gravity of the container
significantly increases the stability of the working
body, especially during starting and stopping the
machine.

(10)

4 3 2 1

1 — frame; 2 — pneumatic cylinder; 3 — unbalanced
vibration exciter; 4 - container; 5 — elastic coupling;
6 — drive electric motor

Fig. 2. Structural diagram of a vibrating

machine with
supports

inclined pneumatic vibration
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Y;

Fig. 3. 'Scheme for the location of
pneumatic vibration mounts

To ensure uniform load distribution between
individual elastic elements, they are arranged in
such a way that the lines drawn through the axes of
symmetry of these elements intersect at one
common point. This point should lie on the axis of
symmetry of the container, passing through its
center of gravity. In this case (see Fig. 4) we obtain:

2 2 2 2
H*=00}=OM*-1}.

The distance H can be calculated using the
dependencies:
H=0N}-1?=0N} -1’ :...:0N§—|§.(12)
It should be noted that:

OM =1tgs =1.tgp3, =...= L .tg3;

ON =l tgex;

ON =l tge,;
ON =1 tgc; 13)
I @

2b{2c)

‘(J!li;\‘i' -Ll‘lﬂh"
Fig. 4. Calculation diagram of the
pneumatic suspension of a vibrating machine

From dependence (13) it is possible to
determine the ratio between the angles of
inclination of the axes of pneumatic -elastic
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elements in the longitudinal planes:

Iltgﬂl - Iztgﬁz e = Istgﬂs (14)
Substituting expression (12) into (13), we
have:

H =1’ -1 =19, -1 = P'a, - 1.

H= Inztgzﬂl _|12 = Iﬁtgzﬂz _|22 = I:tgzﬁs _|52 (16)

By comparing expressions (15) and (16),
we can find the dependences between the angles
of inclination of elastic elements in the longitudinal
a; and transverse fi planes:

tg’p+1 12 .
ﬁ :I—2,| :15
g o + i (17)

Therefore, when designing vibration
machines with an inclined arrangement of elastic
suspension elements, to ensure uniform loading, it
is necessary to select the angles of inclination of the
axes of the elastic elements in the longitudinal
plane in accordance with the relations (14). In this
case, the angle of inclination of each element in the
longitudinal plane is related to its inclination in the
transverse plane by the dependence (17).

The use of this method of fastening elastic
elements, especially in large vibration machines
with a working container with a volume of more than
500 dm3, allows you to significantly increase their
service life. According to this design scheme,
machines with a container volume of 150, 250, 750
and 1000 dm?® were created.

Let us consider the method for determining
the stiffness of the elastic system in the case of
installing elements at an angle. The design scheme
of the vibration machine suspension is shown in
Fig. 3. The elastic suspension is modeled as a
hinge-lever mechanism with elastic links, with the
upper kinematic pairs of pneumatic cylinders
replaced by lower ones. The degree of mobility of
the container in the cross-sectional plane is
determined by the Chebyshev formula:

W=3n-2P5;=35-26=3.

This corresponds to the possibility of
moving the working body along the axes 0X, 0Y and
its rotation relative to the axis 0Z, which are taken
as generalized coordinates.

For further determination of the generalized
stiffnesses Cx, Cy, Co and Cq, the expression for the
potential energy of the pneumatic cylinders in the
unbalanced position of the container can be written.
Let the suspension consist of eight pairs of elastic
elements, each of which has a left and right
element, located at an angle ai to the vertical
longitudinal plane, then:

V=3V,
i=1

(18)
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where Vi - is the potential energy stored in the i-th
pair of elastic elements, which is equal to:

C, [(AR”)2 + (APi”)Z]+
V, = 5 +C, [(Aqi” )2 + (Aqi”)z]+
+¢, (807 f + (a0 ]

where AP, AP" - respectively, the deformation

(19)

value of the left and right pneumatic cylinders of the
i-th pair, which are equal to:

AP” =(x+a#)sing; +(y—b6)cosa;;
AP = —(x+ad)sing; +(y +b&)cosa;;
A" =—(x+a@)cosna; +(y —bO)sina;;
Ag/" =(x+ad)cosa, +(y—b8)sine;;
A" = AG" = A6.

Taking into account these expressions,
dependence (19) will have the form:

2x%(C, sin’ @, +C, cos’ o, )+
+2¢(C, cos @, +C,sina, )+
,| Co(@sing; +becosa)” +
+C,(acosg; +bsing,)* +C,
+2x65sin2a|C, (atga, ~b)+ C, (actga, —b)|

(20)

The coefficients written in the squares and

products of generalized coordinates in the curly

brackets of expression (20) are generalized
stiffness:

Cy, = 2(Cp sin’ o; + C, cos’ ai)
C, = 2(Cp cos’ ¢; +C, sin’ ai)

C,(asing; +bccose)” +

C9i =2

+C, (acose; +bsing;)’ +C,

Cys = 25in20|C, (atger, ~b)+C, (actge +b)]

The appearance of stiffness Cxei is associated with
the non-coincidence of the center of gravity of the
system with the center of its mass, therefore the
horizontal movement of the container is associated
with its rotation.

The values of the total
stiffnresses can be calculated
expressions:

Cx =D.Cy; Cy =D Cy;,
i=1 i=1
S S

Cei’ Cxe = ZCXHi'
=1 i=1

generalized
using the

C,=

50
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A special place among vibration machines
is occupied by installations of the resonant type,
which are distinguished by a number of
technological, economic  and operational
advantages compared to other types. However,
their significant disadvantage is the dependence of
dynamic characteristics on the level of
technological loading.

In this regard, the use of elastic suspensions
with adjustable stiffness is of considerable interest,
which makes it possible to ensure the stability of the
dynamic mode of operation of the vibration machine
and, if necessary, change it according to a
predetermined law.

The design of a combined elastic
suspension of vibration machines, which has
increased transverse stiffness of double-ribbon
pneumatic springs, is shown in Fig. 5 [13]. In the
internal cavity of the pneumatic spring, mounted on
the stiffness ring 4, there are elastic membranes 3,
which are connected to the frame 8 by means of an
elastic rod 6. In such elastic suspensions, the
transverse stiffness is regulated by selecting the
parameters of the elastic elements connecting the
base with the body.

1 — container
sleeve; 3 — elastic membrane; 4 — ring; 5 -
pneumatic cylinder; 6 — elastic rod; 7 — flange; 8 -
frame; 9 - fitting;

Fig. 5. Combined elastic suspension
with elastic membranes and elastic rod

of the vibrator; 2 — spacer

Fig. 6 shows the design of pneumatic
elastic elements in which the stiffness can be
separately adjusted in the longitudinal and
transverse directions [13].
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7 6

X
Lo

J

| /
5 4 A 3 2 1
1 - housing; 2 — ring; 3- elastic diaphragm; 4 —
spherical washer; 5 — fitting; 6 — intermediate
housing; 7 —washer; 8 — sleeve; 9 —rod; 10 - bolt
Fig. 6 Design of a pneumatic elastic
element with separate stiffness adjustment

A promising option is also combined elastic
suspensions that combine a diaphragm pneumatic
actuator and a rubber-metal block hinge (Fig. 7)
[13]. The suspension structure includes a frame 1,
on which a housing 9 is mounted using an axis 8
and bearings 3. Rubber-metal block hinges 5 are
fixed to the axis using a key 7, the outer rings 6 of
which are connected to the housing 9. A diaphragm
12 is installed in the upper part of the housing,
equipped with a pin 14 for attachment to the
container of the vibrators.

11 12 113 14 15
\ \'. | 4 ////
l“‘ |
10. L
3 S Es /)
O °)

VARV AW AF N f %)
8 765432 1
1 — bracket; 2 — key; 3 — bearing; 4 — key; 5, 6 —
metal bushing; 7 — rubber bushing; 8 — axis; 9 —
housing; 10 — fitting; 11 — ring; 12 — diaphragm; 13
— nut; 14 — stud; 15 - washer
Fig. 7. Design of a pneumatic elastic
element with a diaphragm and a rubber-metal
block hinge
During the operation of the vibrating
machine, the diaphragm mainly perceives vertical



Ne 3 (118) Bibpauii 8 mexHiui

vibrations of the container, while the block hinges -
torsional. Due to the fact that only elastic torsional
deformations occur in the rubber bushings 5,
optimal operating conditions for the rubber-metal
block hinges are provided. The torsional stiffness of
the suspension can be adjusted by changing the
number of block hinges, and the stiffness of the
diaphragm - by changing the gas pressure in the
suspension cavity.

Fig. 8 shows a calculation diagram of an
elastic suspension with a combined elastic system.

Fig. 8. Calculation scheme of an elastic
suspension with a combined elastic system

Let us consider the calculation method of
an elastic suspension with a combined elastic
system. The purpose of the calculation is to
determine the total stiffness of the elastic elements.
To do this, it is necessary to calculate six stiffness
components - three translational along the axes
OX, OY, Oz and three torsional relative to these
same axes.

A rubber-metal block-hinged joint (RBH)
can operate in the modes of coaxial torsion, axial
displacement and perception of radial load. In this
case, the RBH operates in coaxial torsion, and its
stiffness is determined by the formula [13]:

2 2
_ 4nGIr,
2 2
Gow — Y
The stiffness of the diaphragm in the axial
direction can be determined from the dependence:

Ck (21)

2
7P )
C= a (1+ P, + P ), (22)
0
where — P — air pressure;
2
p=t.
r117
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The other five components of the
diaphragm stiffness are much smaller compared to
the stiffness in the axial direction, so they can be
taken equal to zero. The diaphragm is
characterized by high load-bearing capacity and the
possibility of adjusting the axial stiffness. The
working vibrations of the container of the vibrator
occur in the YOZ plane.

The stiffness of the elastic suspension in
the vertical direction (along the OZ axis)
corresponds to the stiffness of the diaphragm, while
in the horizontal direction (along the OY axis) it is
determined by the stiffness of the RBH during
coaxial torsion.

Let us find the stiffness of the RBH,
reduced to the point O, located at a distance h (Fig.
12) from its axis. The displacement of the point Y,
when the RBH is rotated by an angle ¢ is he. The
force reduced to this point, acting in the direction of
movement from the moment M in the RBH, is equal
to F = M/h.

The reduced stiffness can be determined
by the expression:

C, =—.
YH
The magnitude of the angle of rotation of
the RBH under the action of the moment M can be
determined by the expression:
2
Mt -
2 2
472Gl 1), -y,
By substituting the obtained values into

dependence (23), we can obtain an expression for
calculating the stiffness reduced to point O:

2 2
_ AnGIny, .,

K™ L2(,2 2y
h (r2111 - rlll])

In addition to translational movements
along the OZ and OY axes in the ZOY plane, the
elastic connection also provides the possibility of
rotational movement in this plane. The stiffness of
the elastic suspension during such movements is
determined by the formula (22).

Usually, in vibration machines, the
container is installed not on one, but on several
elastic suspensions. Most often, two suspensions
are placed in the plane of oscillations, while other
elements of the elastic system prevent the
container from rotating in this plane, allowing only
movement along the OZ and OY axes.

When designing a vibration machine, the
operating frequency of the container's oscillations is
specified in the technical task. Having
approximately determined the mass of the moving
parts of the machine, the required stiffness of the
elastic suspensions is calculated using these
parameters.

(23)

2
rlLU

@Y= (24)

(25)
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For resonant vibration machines with an
adjustable electromechanical oscillation drive:

C=awm, (26)
where w, - circular frequency of oscillations of the
moving masses of the vibrator;

m - mass of the vibrating parts of the

vibrator.
For vibrators with a non-resonant operating

Gk

where K - is the coefficient of vibration machine
detuning from resonance (K = 3...5).

Expressions (24) and (25) allow us to calculate
the value of the total stiffness of all elastic suspension
elements brought to the center of mass of the vibrating
parts of the vibration machine.

By multiplying the right part of expression (21)
by the number of suspensions n and equating it with the
right part of expression (24), we can obtain an
expression for the dependence of the geometric
parameters of the diaphragm on the design parameters
of the vibration machine, which is also valid for vibration
machines operating in the resonant mode:

3f.w’m
rﬁy(l+pz+p§)=ﬁ

The total horizontal stiffness RBH, brought to
the center of mass of the vibrating parts of the vibrating
machine, can be determined using expression (25):

_AnaGlrZ, 1),

K 7 L2/(y2 2y
h (rzzu - rll[[)
By comparing the right-hand sides of
expressions (26) and (29), we can obtain the necessary
ratios for calculating the geometric dimensions RBH:
2 2 2 h 2
N Vo — C‘)th
(r}, —1r5,) 4naG
For vibration machines operating in off-
resonant modes, expressions (28) and (30) will take the
form:

mode:

C

(27)

(28)

(29)

(30)

3f.w?m
B2 \L+p, + pf )]= =22,
117( P2t Pr ) PK2n (31)
rlil[rzzll[ a)émhz
2 (32)

(r, —r5,) 4naGK?

Conclusions. Recommendations have been
developed for the calculation and design of elastic
suspensions of vibrating technological machines
operating in both far-resonant and resonant modes, as
well as elastic elements with adjustable stiffness for
vibrating machines with an adjustable
electromechanical wire. Cylindrical helical compression
springs are advisable to use for relatively small vibrating
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machines with a container volume of not more than 100
dm3 and to install them without tilting. In large vibrating
machines, it is desirable to use combined elastic
suspensions or suspensions in the form of rubber-cord
pneumatic cylinders, installing them at an angle to the
longitudinal and transverse planes.

A special place among vibrating machines is
occupied by installations of the resonant type, which
are distinguished by a number of technological,
economic and operational advantages compared to
other types. However, their significant disadvantage is
the dependence of dynamic characteristics on the level
of technological loading.

In this regard, the use of elastic suspensions
with adjustable stiffness is of considerable interest,
which allows to ensure the stability of the dynamic
mode of operation of the vibratory machine and, if
necessary, to change it according to a predetermined
law. A promising option is also combined elastic
suspensions that combine a diaphragm pneumatic
drive and a rubber-metal block hinge. The torsional
stiffness of such a suspension can be adjusted by
changing the number of block hinges, and the stiffness
of the diaphragm - by changing the gas pressure in the
suspension cavity.
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MPYXXHI MIABICKN BIBPALIMHUX MALLVH 3
PEryJibOBAHMUM ENIEKTPOMEXAHIYHUM
nPNBOOOM

Bucoki gumoau do HaditiHocmi,
doeeosidHOCMI, Momy»xHocmi ma fpodyKmMugHoCcMi
gibpauitiHux MawuH be3nocepedHbo su3HavyaromMbCs
SKICMIO IXHIX MPYXXHUX enleMeHmig, 30KpeMa iXHbO
sumpuseariicmio ma cmitikicmio 0o Oiif iHmeHcuBHUX
UUKIIYHUX ~ HasaHmakeHb.  [ns
gibpoizonauii  pobo4o20

eghekmusHoi
opa2aHy  pe30HaHCHOI

ma mexHorsoeisix
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gibpomawIuHU 8i0 cmaHUHU Mid8iCcKU MOBUHHI Mamu
docmamHilo  M’AKicmb, 800HoYac — MiG8UUEHHS
rpodyKmueHocmi nompebye MaKcuMaribHO
MOXKITUBOI XXOPCMKOCMI UUX erleMeHmis.

Y pobomi HasedeHO pexkomeHOauii w000
po3paxyHKy ma rpoeKmy8aHHs MpPy>KHUX Mi08iCoK
sibpauyitiHux MEXHO02iYHUX MauluH, wo
QOYHKUIOHYrOMb SIK Y 3a-pe30HaHCHOMY, makK | 8
PE30HaHCHOMY peXuMax, a MmaKkoX [PYKHUX
efieMeHmig i3 peaysib08aHOK XOpPCmKicmio Orist
MawuH i3 peayrnbo8aHUM  e/IeKMPOMEXaHIYHUM
rpueodoM. L{uniHOpuUYHi 28UHMOBI MPY>KUHU CMUCKY
OouyinbHO 3acmocosyseamu y  GIOHOCHO — Marux
sibpaujiliHux ycmaHoskax 3 06°eMoM KoHmelHepa 00
100 Om® ecmaHosmoroyu ix 6e3 Haxuny. [Ans
MOMY>HIWUX MawuH pekomeHOyembCsi
suKopucmarHsi KoMbiHogaHuUx nidsicok abo eymo-
Kopdosux rHesmobasioHig, PO3MILLEHUX M0 Kymom
00 r1083006XHBOI Ma rornepeYHoI MNIIOWUH.

Ocobrniuge 3Ha4yeHHs1 Malomb  8ibpauitiHi
MawuHU Pe30HaHCHO20 mury, SKi BUPI3HSMbCS
psidom MEXHOJ/I02i4HUX, eHep2emu4HUX i
eKcrinyamauilHux  rnepeeae, ase  800HoYac
XapakmepusyrombCs  3anexHicmo  OUHaMIYHUX
rnapamempie 6i0 cmyreHsi 3a8aHMaKeHHSI.

3 02n150y Ha ue, nepcrnekKmueHUM HarpsiMom
€ 8uKopucmadHsi Mi08iCOK i3  peayrib08aHO
JXopcmkicmio, wo 3abesnedyromb cmabinbHicmb
OuHaMIi4HO20 pexumy pobomu eibpomMawuHu ma
dosgonsitomb  3MiHIO8amu  (i020  8i0noeiOHO 0o
3adaHo20 arnzopummy. EghekmusHUM pilueHHSIM €
makoxx KoMbiHOBaHI rpYyKHI Mid8ICKU, SIKi MOEOHYOMb
Oiachpaamosutli rHesmMorpugol i3 2ymo-memarnesum
6:10K-wapHipoM. KpymurbHy XOpcmKicmb makux
cucmeM  MOXHa  3MiHK8amu  peayrito8aHHIM
Kinnbkocmi 6110K-wapHipis, a xxopcmkicme diaghpazmu
— 3MIHOK MUCKY 2a3y 8 MOPOXHUHI NiO8ICKU.

Knroyoei  cmoea:  npyxHi  nidsicku,
sibpauitiHa MauwuHa, peayrnboeaHuli
efileKmpomMexaHiyHuUl rnpueod, Xopcmkicmsb, eracHa
yacmoma  KonueaHb,  PE30HaHCHUU  PEeXuM,
rHeamobarioH.

BipomocTi npo aBTOpIB

Yaroshenko Leonid Candidate of Technical Sciences, Associate Professor of the department of electric
power engineering, electrical engineering and electromechanics of Vinnytsia National Agrarian University,
Service address: Vinnitsa, st. Sonyachna 3, VNAU 21008, e-mail: volvinlv@gmail.com

Slobodianyk Anatoliy Candidate of Technical Sciences (PhD), Associate Professor, Associate Professor of the
Department of Mathematics, Physics and Computer Technologies, Vinnytsia National Agrarian University, Service
address: Vinnitsa, st. Sonyachna 3, VNAU 21008, https://orcid.org/0009-0006-2157-8188

flpoweHko JleoHin BikTopoBWY KaHAMAAT TEXHIYHWX HayK, OOUEHT Kadeapun enekTpoeHepreTuky,
€reKTPOTEXHIKM Ta eneKkTpomexaHikv BiHHMUBKOro HauioHanbHOro arpapHoro yHiBepcutety, Cnyx6oBa
agpeca: r. BiHnuuga, syn. ConHauHa 3, BHAY 21008, e-mail: volvinlv@gmail.com

Cnob6oasHuk AHaTonin [IMMTPOBUY KaHOMOAT TEXHIYHMX HayK, OOLEHT, AOLEHT Kadeapy MaTemMaTyKu,
i3NKM Ta KOMM'IOTEPHUX TEXHOMOri BiHHMUbBKOrO HauioHanbHOro arpapHoro yHiBepcutety, CnyxboBa
agpeca: r. BiHnuuga, syn. ConHayHa 3, BHAY 21008, https://orcid.org/0009-0006-2157-8188

Cmamms Hadidwna 15.11.2025
Cmamms nputHama 28.11.2025
Ony6nikosaHo 25.12.2025

54



